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Abstract

Compressed air is used throughout industry in various forms, ranging from small pneumatic
tools to long pipelines at mines, and it accounts for 9%—10% of total energy consumption.
Many energy providers utilise fossil fuels for electricity production, which has prompted the
need to invest in renewable energy solutions. The cost of a compressed air system depends
on multiple components, the largest being energy cost, which accounts for 75%—-80% of the
total life-cycle cost of the system. Thus, with increased efficiency, the cost and energy
consumption of compressed air will decrease.

The aim of this research is to further investigate the effects of timed coolant injection in a
reciprocating compressor to create a quasi-isobaric process followed by a quasi-isothermal
process with the aim to increase compressor efficiency. A mathematical model and numerical
simulation, utilising the first law of thermodynamics, was created to simulate the effects of
timed coolant injection at the commencement of the compression stroke.

The mathematical model and numerical simulation were validated against experimental
results and exhibited being in good agreement. The application of the mathematical model
beyond its tested operating range was also presented.
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NOMENCLATURE

Roman letters

Symbol Description Unit

A Area m?
Agy Area of discharge valve m?2
Acrr Effective valve area m?
A, Valve opening area m?
Ap Area of valve port m?
Ay Area of suction valve m?2

C Damping coefficient Ns/m

Cp Coefficient of discharge for orifice flow -

CE, Cylinder wall heat transfer calibration factor -

Cr Spring force coefficient -

Cy Specific heat capacity at constant pressure J/kg.K

Cy Specific heat capacity at constant volume J/kg K

D Diameter m

D, Characteristic diameter m

Foct Spring actuating force N

h,, Coefficient of wall heat transfer

i Program step

k Thermal conductivity W/m.K

L Compressibility factor -

m Mass kg
Meootane  COOlant mass flow kg/s
Mpryrun  Compressor mass flow without coolant injection kg/s

N Compressor speed rev/min

n Polytropic index -

Nu Nusselt number -

P Pressure Pa

Pr Prandtl number -

Q Heat energy J

q Heat transfer W.m.K

R Gas constant J/kg K

S Stroke length m

T Temperature K

t Time S

U Internal energy J

Y Volume m?3

v Velocity m/s

Vpiston Mean piston velocity m/s
W Work J
X Displacement m
vii
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Greek letters

Symbol

Description

Unit

Eo 3mME X AN H

Subscripts

Symbol

Velocity of jet coefficient

Adiabatic mixing effectiveness factor
Specific heat ratio

Compressor efficiency

Spring stiffness

Working fluid kinematic viscosity
Valve entrance friction coefficient

Pi

Density

Crank angular velocity

Description

N/m
m?2/s

kg/m
rad/s

cle

Clearance
Cylinder
Coolant
Discharge
Discharge valve
Equivalent
Gas

Index variable
Initial
Instantaneous
Open

Preload
Suction
Stroke
Suction valve
Cylinder wall

Abbreviations

CAES Compressed Air Energy Storage

PHS Pumped Hydro-electric Schemes

CES Cryogenic Energy Storage

FS Full Scale

LAES Liquid Air Energy Storage

GHG Greenhouse Gas

ORC Organic Rankine Cycle
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TDC
CFD

ISO
ASHRAE
AHRI
ODE
EES

ERD
EPC

SC

Top Dead Centre

Computational Fluid Dynamics

International Organization for Standardization

The American Society of Heating, Refrigerating and Air-Conditioning Engineers
Air-Conditioning, Heating and Refrigeration Institute

ordinary differential equations

Engineering Equation Solver

Euclidean Relative Difference

Euclidean Projection Coefficient

Secant Cosine
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Chapter 1: Introduction
1.1 Background

1.1.1 Application of compressors

Compressors are used to deliver a quantity of fluid, either a gas or vapour, while increasing
its pressure [1], [2]. The applications of compressors vary, with the fluid discharge mass flow
rate, discharge pressure, and compression mode being the determining factors [1], [2].

These factors contribute to the classification of compressors into two broad groups:
intermittent flow and continuous flow [1], [2]. Based on the performance of various
compressor types, the reciprocating and rotary-type compressors are distinctly intermittent
with low mass flow rates and high discharge pressures, while radial-flow, mixed-flow, and
axial-flow compressors discharge a continuous, high mass flow, low pressure stream of fluid

[1], [2].

COMPRESSORS

v v
CONTINUOUS FLOW INTERMITTENT FLOW
I [
¥ v v v v
RADIAL MIXED AXIAL ROTARY RECIPROCATING

Figure 1: Compressor classification (adapted from [2])

Reciprocating compressors have a series of applications ranging from household to industrial
use. Standard reciprocating compressor pressures can range from 0.6 bar to 20 bar [3]. An
increase in discharge pressure increases the temperature of the working fluid, decreasing
overall efficiency. It is common practice to make use of multistage reciprocating compressors
with intercooling between each stage for discharge pressures above 5.5 bar [3].

Compressed Air Energy Storage (CAES) works similar to Pumped Hydro-electric Schemes (PHS)
[4]. Both CAES and PHS utilise excess (off-peak) power to store energy which can be used at
times of peak power demand. The difference between CAES and PHS is the working fluid,
which, in the case of CAES, is air.

CAES compresses ambient air to a high pressure and stores it in a large underground cavity.
The pressure inside the cavity can range from 45 bar to 72 bar [4]. The only two operational
CAES plants in the world utilise excavated salt deposits as storage cavities. These plants are
located in Huntorf, Germany and MclIntosh, Alabama in the United States [5], [6]. When
electricity consumption is high, the compressed air is mixed with natural gas, ignited, and
expanded through a turbine which generates electricity. The electricity is transferred to the
electric grid supplying homes and industry [5].

Another method of compressed air storage is Cryogenic Energy Storage (CES). The CES process
consists of air which is compressed, cooled, and expanded until liquefied and subsequently
stored in insulated storage containers at atmospheric pressure [7].
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Several cycles are used to achieve the liquefaction of air, namely: the Joule-Thomson,
Hampson-Linde, Reverse Brayton, Kapitza, and Claude cycles [8]. The Hampson-Linde cycle,
which comprises of a compressor, cooler, heat exchanger, expander, and storage tank, is
commonly used for the manufacturing of liquid air [9], [10]. The Claude cycle (and variants
thereof) is implemented by Highview Power in the only utility-scale Liquid Air Energy Storage
(LAES) facility [11], [12]. The Joule-Thomson effect, where real gases experience a decrease
in temperature when throttled, is utilised during the Hampson-Linde and Claude cycles [9],
[13].

CES and CAES systems have comparable round-trip efficiency [9]. An overall increase in
compressor efficiency would have a direct positive impact on the round-trip efficiency of CES
and CAES systems [14], [15].

1.1.2 Energy consumption of compressors and compressed air systems

Compressed air is used throughout various industries, with uses ranging from small
pneumatic tools in the manufacturing sector to long pipelines at mines. The wide use of
compressed air equates to between 9% and 10% of total electricity consumption in industry
worldwide [16]. The South African mining and industrial sectors consume a combined 67% of
the total electricity generated by Eskom on an annual basis [17].

The total cost of a compressed air system, when calculated over its lifetime, depends on a
few key aspects: energy cost, capital/investment cost, and maintenance cost. The energy or
electricity use of a compressed air system constitutes the largest part of the cost, ranging
between 75% to 80% of the overall lifetime cost [2] — [5].

6%

m Energy Cost = Capital Cost Maintenance Cost
Figure 2: Total cost of compression system, adapted from Saidur et al. [16]

Compressed air is an inefficient form of energy, with only up to 19% of the energy consumed
converted into usable compressed air [16], [19], [20]. Thermal energy that is lost to the
surroundings constitutes the largest part of the total energy loss of a compressed air system
[20]. The overall efficiency of a compressor is derived from the sum of the electrical,
mechanical, and thermal efficiency, with the latter also the least efficient at between 80% and
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83% [21]. An increase in compressor thermal efficiency would thus yield and increase the
overall compressor efficiency and compressed air system efficiency.

1.2 Motivation for the study

The effects of climate change are felt globally. The Intergovernmental Panel on Climate
Change and Nongovernmental International Panel on Climate Change agree that the main
cause of climate change is the increase of anthropogenic Greenhouse gas (GHG)
concentrations in the atmosphere [22].

Since the burning of fossil fuels is the main cause of increased concentrations of GHG in the
atmosphere, one solution to counter this is to replace fossil fuels with renewable energy
sources. Another method of decreasing GHG concentrations is the increased efficiency of
current energy-consuming machines and systems.

1.3 Purpose of the study

The aim of this research is to develop and validate a mathematical model, based on the first
law of thermodynamics, for a reciprocating compressor subjected to coolant injection and
valve control. Such a model will support the development of reciprocating compressors with
improved efficiency.

1.4 Delimitations
Throughout this research the working fluid is assumed to be an ideal gas.
The following will be excluded from this study:

e Effect of coolant evaporation during compression is ignored;

e The analysis of geometric features such as cylinder diameter and stroke will not be
conducted;

e A comprehensive CAES process model will not be created;

e Design recommendations or improvements to the experimental compressor will not
be made; and

e Additional experimental work was not possible since the validation of the
mathematical model and numerical simulation is based on the results published in
2024 of a compressor tested at North-West University [53].

1.5 Dissertation layout

Chapter 2 presents a literature review focusing on research pertaining to increasing
compressor efficiency through coolant injection. Chapter 3 presents a mathematical model,
which will be used to simulate a reciprocating compressor with timed coolant injection by
applying the first law of thermodynamics. The validation of, and subsequent results from the
mathematical model and simulation, is summarised in Chapters 4 and 5. Finally, Chapter 6
provides a summary and conclusion of the research conducted.
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Chapter 2: Literature review

2.1 Introduction

This chapter reviews prior research conducted on the improvement of compressor efficiency
through various cooling methods, with emphasis on in-cylinder coolant injection.
Mathematical modelling of compressors with coolant injection is also discussed.

2.2 Increasing compressor efficiency

The first law of thermodynamics states that the change in internal energy (AU) is equal to the
change in the work done (W) on the system and the heat energy (Q) which is generated or
rejected, see equation (1) [23]. For a compressor, these energies represent the transfer of
mass from a low pressure to a high pressure, the heat generated, and the work done per
cycle.

AU=W -Q (1)

It is thus evident that the efficiency of a compressor is dependent on, but not limited to, the
amount of energy lost to its surroundings due to heat generation [24].

Compressor efficiency can be maximised if the working cycle is internally reversible; that is,
the working fluid and its surroundings are in a constant state of equilibrium [1], [24]. This can
be achieved if the compression and expansion processes occur at a slow rate, which enables
the working fluid to either absorb or dissipate heat to achieve energy equilibrium at each time
step. In practice, an internal reversible process cannot be achieved within reasonably practical
and economic limits.

The equilibrium state of an internally reversible compressor can be imitated through various
means to achieve a quasi-equilibrium state [25]. This quasi-equilibrium state is achieved
through the effective cooling of the working fluid during compression.

The effect of cooling on the compression process can be examined through the comparison
of different compression processes (cf. Figure 3). These polytropic processes, depending on
the polytropic index n, influence the amount of work done on the system as shown on the
Temperature-Entropy (T-S) and Pressure-Volume (P-V) diagrams in Figure 3 and Figure 4.
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Temperature (T)

Entropy (S)

Figure 3: Temperature-Entropy (T-S) diagram

Figure 4 shows polytropic processes on a Temperature-Entropy (T-S) diagram.

The compression process between points 1 and 2 shows an ideal isothermal (constant
temperature) process, where n = 1. Between points 1 and 4, an ideal isentropic (constant
entropy) process, wheren =y, is shown. This is also known as an adiabatic process. Between
points 1 and 3’ and points 1 and 3”, two polytropic processes are shown, wherel < n <y
and n > y respectively.

The saving in work between the processes can be displayed on a P-V diagram (cf. Figure 4).
The amount of work required during the process is shown by means of the grey shaded area
(1-4-5-6) between the suction (P;) and discharge (P,) pressures. The compression process
between points 1 and 2 shows an ideal isentropic process, between points 1 and 4 an ideal
isothermal process, and between points 1 and 3 a polytropic process.

An isentropic process requires the complete insulation of the system to ensure that no heat
is rejected to the atmosphere. This process is less likely to be experimentally or industrially
achievable, as no system can be fully insulated [23], [24].

In most cases, the heat rejected by the compressor is regarded as waste heat and simply
rejected to the atmosphere. However, this waste heat can be recovered using an Organic
Rankine Cycle (ORC) or a Kalina cycle [26], [27]. These cycles harvest low grade heat, between
30°C and 200°C, with a heat exchanger which heats the organic working fluid and drives a
turbine or expander to generate electricity. Murgia et al. [27] suggest the use of ORCs to
generate electricity for use by the compressor, thus resulting in an overall decrease in
entropy, or to supply the local electrical grid [28].

Shuaihui et al. [29] proposed the addition of an externally mounted cooling chamber to a
scroll compressor, which has cooling water flowing through channels that, in turn, cool both
the fixed scroll bed and the fixed scroll cover. The addition of this cooling chamber resulted
in a 7.4% increase in isentropic efficiency [29].
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Pressure (P)

v

Volume (V)

Figure 4: Pressure-Volume diagram representing isentropic and isothermal compression, adapted
from X.Wang et al. [30]

If no effort is made to cool down the compressor externally, either by means of a fan blowing
over the casing, adding a cooling jacket around the casing, or altering the compression
process in any way, the above-mentioned methods of recovering waste heat can be utilised.
However, utilising other compression processes can reveal other, more significant, thermal
efficiency improvement options.

Quasi-isothermal compression is achievable if the heat of compression is removed
continuously during the compression process 1 — 2 (cf. Figure 3). This is also the process
which requires the least amount of work and is thus the most desired compression process.

Wang et al. [30] proposed a combination of isothermal and isentropic compression for the
cooling of a scroll compressor for air-conditioning applications. The author predicted an effi-
ciency increase of 16% for said compressor. While Wang et al. [30] mentioned refrigerant
injection as a possible method of cooling the compressor, the author decided to model the
compressor on a theoretical basis only, with no mention of practically achieving the desired
processes. Research was conducted on in-cylinder liquid injection (A.K. Dutta et al. [31], B.
Wang et al. [32]), vapour injection (H. Sun et al. [33]), and liquid flooding (I.H. Bell [34]) of
scroll compressors, which shows efficiency increases due to quasi-isothermal compression
being achieved.

Similar research was conducted for other types of compressors, which include screw
compressors (K. Hammerl et al. [35], M. de Paepe et al. [36]) and axial flow compressors (D.P.
Georgiou et al. [37]).

Quasi-isothermal compression in reciprocating compressors can be accomplished with the
use of multistage compressors with intercooling between stages. Multistage compressors
have multiple cylinders with which to compress the working fluid. An intercooler is added
between these stages to cool the working fluid after compression, reducing the amount of
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work needed during the next compression stage [38], [39]. It should be noted that perfect
intercooling between each stage is the theoretical ideal for multistage compression with
interstage cooling [40].

Multistage compressors with intercooling have an increased parts count and complexity
compared to single-stage compressors, which adds to the initial capital cost of such a
multistage compressor but reduces the energy consumption costs over the life of the
compressor. The limitations of achieving quasi-isothermal compression with the use of
external components and processes have caused researchers to investigate methods of
achieving quasi-isothermal compression with in-cylinder heat exchange processes [41].

In-cylinder quasi-isothermal compression can be divided into two main groups, namely: Dry
compression mechanisms (with indirect heat transfer) and wet cooling compression
processes (with direct contact heat transfer between working fluid and coolant).

During dry quasi-isothermal reciprocating compression processes, most of the compression
work is done on the working fluid as the piston reaches its Top Dead Centre (TDC). This is
when the most heat is generated — while the contact area between the cylinder walls and the
working fluid is smallest [41].

Cylinder head with
hollow fins with heat
tranafer liguid
circulating through it

TERT

| Piston with solid fins

i A rrs
e il A

Figure 5: Dry expansion finned piston, adapted from [38]

e Dry compression mechanisms:

Heidari and Rufer [42] put forth a novel design which utilises internal fins constructed as
annular intersecting fins, which increase the contact area during compression drastically [42].
The finned piston showed an increase in exergetic efficiency of 11.7% over that of a standard
piston [42].

Research conducted by Knowlen et al. [43] for the quasi-isothermal expansion of liquid nitro-
gen, for use as an automotive engine, utilises a similar design to that implemented by Heidari
and Rufer [42] (cf. Figure 5). Applying the finned piston, Knowlen et al. claim an isothermal
efficiency of 85%. The expander configuration with finned piston proposed by Knowlen et al.
can be implemented as a compressor.
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e Wet compression cooling processes:

Most research conducted on quasi-isothermal compression entails introducing liquid coolant
into the compression chamber. The coolant can either be mixed with the air prior to the
commencement of the suction stroke or directly injected into the cylinder during
compression. This results in direct heat exchange between the compressed gas and coolant,
i.e., a directly cooled compression process.

Van de Ven and Li [44] proposed the use of a liquid piston utilising a column of liquid inside a
fixed volume/cylinder, which is used for gas compression and expansion [44]. The conceptual
design of the liquid piston compressor does not differ from the conventional reciprocating
compressor designs currently in use. A column of liquid rests on a flat-faced piston inside the
cylinder, which negates the need for piston seal rings and eliminates air leakage between the
cylinder wall and piston.

Van de Ven and Li [44] showed a 19% decrease in work required during compression, resulting
in an increase of compression efficiency of up to 83%. This is largely due to the reduction in
mechanical friction, from the elimination of the piston seal rings, and the nonconformity of
the liquid column shape, which increases the heat transfer area between the column and the
working fluid.

Qin et al. [45] investigated the cooling effect of coolant injection for a liquid piston. This
research showed an increase in compression efficiency of up to 27%, resulting in an overall
efficiency of 98% when the mass of water injected is five times the mass of dry air in the
cylinder.

Research conducted by Shcherba et al. [46] investigated the optimal operating speed of the
liquid piston to reach an isothermal compression process. A two-stage reciprocating
compressor was used with the first stage being a noncooled compression process and the
second stage being a liquid piston compression process. Shcherba et al. [46] showed that a
liquid piston average speed of 3 m/s is required to increase the probability of achieving
isothermal compression. An indicator efficiency increase of up to 20% was achieved.

2.2.1 Reciprocating compressors with coolant injection

Direct cooled compression processes also include a standard reciprocating compressor
equipped with coolant injection. Coolant in the form of oil, refrigerant, water, etc. is injected
directly into the cylinder during the compression stroke [47], [48]. The injected coolant mixes
with the working fluid and absorbs the heat generated during compression, resulting in a
guasi-isothermal process [25], [47].

Kremer et al. [49], [50] created two mathematical models simulating the injection of oil as a
coolant for a reciprocating refrigerant compressor using ammonia and R-134a respectively.
The ammonia refrigerant compressor showed a reduction in energy use of up to 4.2%, but
the author noted that this reduction in energy use cannot be achieved in practice without the
use of an external oil cooling source [49]. The R-134a refrigerant compressor showed an
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increase in cooling capacity, but this positive was offset by an increase in power consumption
[50].

Research pertaining to direct water coolant injection for quasi-isothermal compression was
performed by Coney et al. [25] which highlighted the factors influencing heat transfer with
3D Computational Fluid Dynamic (CFD) simulations. Coney et al. [25] stressed that there is
limited time to inject water into the cylinder, but two approaches can be taken, namely early
and late injection. Early injection, which occurs during the suction stroke, has the benefit of a
high droplet dispersion and penetration rate; however, this results in a low droplet velocity
during the compression stroke, lowering the heat transfer rate at the point of high heat
generation. Late injection, which occurs during the compression stroke, is the desired
injection time, with heat generation highest, but with a higher working fluid density, which
results in poor droplet penetration to the centre of the cylinder. This problem was overcome
by increasing the size of the water droplets injected into the cylinder during the compression
stroke.

Malmgren et al. [51] subsequently created and validated a 1-D dynamic mathematical model
to simulate the compressor tested by Coney et al. [25].

Jacobs and Liebenberg [52] have shown that even higher compressor efficiencies can be
obtained. The process proposed by Jacobs and Liebenberg [52] involved isobaric cooling at
the commencement of the compression stroke, through suction valve control, followed by
isothermal compression. The process is depicted on T-S and P-V diagrams in Figure 6.
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Figure 6: Pressure-Volume and Temperature-Entropy diagrams showing the energy saving when
isobaric compression is followed by isothermal compression [52]

The isobaric cooling process (viz. process 1-4 in Figure 6) is achieved by a sudden and
significant cooling effort, achieved with water coolant injection, at the commencement of the
compression stroke. The authors found that the increase in density of the working fluid, due
to the coolant injection, created a quasi-isobaric compression process, which resulted in a
decrease in work done during the initiation of the compression stroke.
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The quasi-isobaric conditions can only be achieved if the suction valve is kept in a closed
position during coolant injection. The authors utilised a camshaft to control the suction valve
and actuate the coolant injection valves.

Quasi-isothermal compression was achieved by injecting sufficient coolant into the cylinder
during the compression stroke. The quasi-isobaric compression process showed a 6% increase
in isothermal efficiency compared to a quasi-isothermal process. The quasi-isobaric
compression process coupled with a quasi-isothermal compression process led to a further
3% increase in isothermal efficiency, equating to 89% isothermal efficiency [52].

Jacobs and Liebenberg created a mathematical model to describe this novel compression
process [52], [53]. This mathematical model was based on describing the compression and
expansion processes as polytropic processes. The authors modelled continuous coolant
injection, where 1 < n <y, as well as timed coolant injection, where 0 < n.,,; <v.The
mathematical model was validated against experimental results where a single cylinder,
single acting compressor was used.

The authors noted that the limitation to the mathematical model is the polytropicindex which
should be determined through experimentation. Thus, to better investigate the effect of
timed cooling and determine the amount of heat removed during isobaric cooling, it was
proposed that a similar model based on the first law of thermodynamics be created.

2.3 Cylinder wall convective heat transfer

To determine the amount of heat removed during isobaric cooling, the loss of heat through
the cylinder walls should be accounted for with a heat transfer coefficient. Various heat
transfer correlations have been developed for both compressors and internal combustion
engines.

Annand [54] and Woschni et al. [55] both developed convective heat transfer correlations to
calculate the instantaneous heat transfer rate to the cylinder wall of an internal combustion
engine by calculating the Nusselt number. Annand [54] utilises both the Reynolds and Prandtl
number, while Woschni et al. [55] uses only the Reynolds number.

Subsequently, Adair et al. [56] developed a convective heat transfer correlation specifically
for reciprocating compressors. Comparisons were made between various heat transfer
correlations, and it was concluded that a variable characteristic cylinder diameter should be
introduced; but, more importantly, the characteristic velocity, in contrast to the previously
used mean velocity, should also be introduced.

This correlation by Adair et al. [56] has been widely used (see Table 2) and is expressed as:

Nu = 0,053R,*®Pro® (2)

where Re is the Reynolds number and calculated with the following equation:

R, = (3)
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where p is the kinematic viscosity of the working fluid, v, is the characteristic gas velocity and
D, is the characteristic cylinder diameter. v, and D, is calculated with:

3 1
v, = 2w[1.04 + cos(2a)], for —t<a<=m

z 2 (4)
v, = w[1.04 + cos(2a)], for Pk <a< o7
where w is the angular velocity of the crankshaft, and
D2
6 X Volume 6 X (7T X 7) X 5(t)
D, = = 5 (5)

A
red nxDxS(t)+2nx(nxg)

where D is the cylinder diameter and S(t) is the stroke length, as a function of time.

In 1994, Fagotti et al. [57] compared the convective heat transfer correlation of Adair et al.
[56] with that of others and found that it does not fit the instantaneous measured
experimental data well. The authors found that the correlation of Annand et al. [54] best fit
the experimental data. In 1998, Fagotti et al. [58] proposed a new correlation for heat transfer
between the gas and the cylinder wall. The authors proposed new constants for determining
the Nusselt number, which is only applicable to the compressor model used to determine the
constants.

In 2012, Disconzi et al. [59] proposed heat transfer correlations for the suction, discharge,
expansion, and compression processes. The correlation is similar to that of Adair et al. (see
Eqg. (2)), with the Nusselt number calculated by equating the Reynolds and Prandl numbers
but with different constants for each process. Table 1 below shows the constants of each
process.

Table 1: Convective heat transfer correlations

Reynolds
Author Year Correlation Process number Constants
equation
vD
Annand 1963 Nu = aR,” R, =— 0,35 < a <0,8; b=0,7
u
vD
Woschni 1967 Nu = aReb R, = 7 a=0,035; b=0,8
. b veDe
Adair 1972 Nu = aR,’Pr€¢ R, = a=0,053; b=0,8; c=0,6
u
T, v,D
Fagotti 1998 Nu=aR,” +cxL—= R, === a=0,28; b=0,65; c=0,25
Ty — Ty U
Suction a=0,08; b=0,9; c=0,6
. . Expansion vD a=0,12; b=0,8; c=0,6
—_— b C —_— ’ ’ 7~ 7
Disconzi 2012 Nu = aR."Pr Compression Re u a=0,08; b=0,8; c=0,6
Discharge a=0,08; b=0,8; c=0,6
where L is the compressibility factor.
11
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Tuhovcdk et al. [60] compared the correlations of Annand, Adair, Disconzi, Aigner, and
Woschni to determine the effect of the heat transfer on compressor efficiency. The authors
found that each correlation predicts a different amount of heat transfer due to the differing
methods of calculating the Reynolds number as well as the characteristic velocity used.
Tuhovcdk et al. [61] went further in 2016 and compared the heat transfer correlations of
Annand, Adair, Disconzi, and Woschni but separated the heat transfer area inside the cylinder
into the head, piston, and wall. The authors found that simulating only the three surface
areas, without consideration for the different processes, negatively affected the accuracy of
the simulation.

Table 2 shows the heat transfer correlations used by different authors simulating
reciprocating compressors. Adair is shown to be the popular correlation with recent studies
continuing its use into the 2010s.

Table 2: Authors utilising convective heat transfer correlations

Correlation used

Author Year Annand Woschni  Adair
Prakash 1974 X
Brok 1980 X
Todescat 1992 X X
Armaghani 2012 X
Disconzi 2012 X
Heidari 2014 X

2.4 Compressor valve dynamics modelling

Reciprocating compressors commonly use automatic, self-acting valves that are activated by
a change in pressure across the valve face [1]. Reed valves (cf. Figure 7) are commonly used
in typical smaller household compressors on both the suction and discharge side [62]. Various
versions of reed valves with different degrees of complexity are used, while large industrial
compressors and the discharge side of some compressors incorporate more complex designs

(cf. Figure 8) [62], [63].

Figure 7: Schematic of simple reed valve without dampers

The more complex valve designs include a sealing element, highlighted in green and blue in
Figure 8, consisting of either a plate, poppet, or ring manufactured from a thermoplastic [63].
These sealing elements’ movement is damped by either a spring or nonsealing damping plate
[63], [64].

12

© Central University of Technology, Free State



(a) (b) (c)

Figure 8: (a) Plate valve, (b) Poppet valve, and (c) Ring valve, from [63]

Boswirth published various research articles and a book on the subject of compressor valves
from 1980 to 2001, which built on the pioneering works of Costagliola [63] from 1950. In 2002,
Bukac [62] presented a summary of the modelling of valve dynamics, while, in 2005, Habing
[65] presented a thesis where a modern CFD approach was used to study valve dynamics and
analyse historical semi-empirical coefficients. Ninkovic et al. [63] presented a summary paper
on the research up to 2013 and concluded that valve modelling remains a research subject.

Valves are typically modelled as spring-mass-damper systems with a single degree of freedom
[53], [63], [66], [67], [68] with the following equation:
d’x  dx

Myave -7 + c—r + k(X + Xpre) = Faer, fOr 0 < X < Xy (6)

where myq;1¢ is the valve plate mass, x is valve displacement, k is the spring stiffness, c is the
damping coefficient, and F,.; is the spring actuating force. If a valve limiter is present, the
valve will bounce when the limiter is reached. Habing et al. [66] modelled this bounce with a
restitution coefficient:

dx dx
at (t4) = —€res dt (t-) (7)

where e, is the restitution coefficient and t_ and t, is the plate velocity immediately before
and after impact respectively.

The spring actuating force, F,., is determined by:

Faee = Cr AL, AP (8)

where A, is the area of the port, AP is the change in pressure, and Cy is a force coefficient
which is determined empirically or by use of Boswirth’s model [53], [63], [68], [69]. The force
coefficient can be determined with Eqg. (9) if the valve entrance friction is known:

1
1+ B
where B is determined with:
2
Ao Cd
B = 10
(%) w0
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and where ¢ is the valve entrance friction coefficient and A, is the valve opening area,
otherwise Cr =~ 1 [69].

2.5 Compressor valve mass flow modelling

Researchers have modelled the mass flow of the working fluid through a valve for various
reasons. One basis for study is the reduction of noise created by gas pulsations when the
working fluid moves though the valve into the suction or discharge plenum [70], [71]. Another
reason for modelling valves studies the effect of valve dynamics on compressor efficiency
[67].

The calculation of the mass flow rate through a valve is dependent on the Mach number of
the working fluid. A Mach number exceeding 0,3 influences the density of the fluid, which in
turn influences the mass flow rate [68].

For steady, incompressible flow (Mach < 0,3), authors base their models on flow through an
orifice of equivalent size to the valve opening [66], [67], [70], [72]. Srinivas et al. [70]
accounted for the nonidealities of valve movement due to a change in pressure that results
in gas leakage, where the valve does not exhibit instantaneous opening or closing but
deceleration, stopping, and a change in direction. The mass flow through an orifice is
modelled with:

‘

Cp,psAsy p—l),for P, > P,and x; > 0
S
—Cp,pilsy — % forP;>P,and x; > 0
\ Pi
( 2(P; — Py)
Cp,PiAav T,for P, >P;and x; >0
L
2(P; — P;
—CpyPaAav %,f@r P; > P andx; >0
\

where Cp_and CDd are the discharge coefficients, p;, ps and p, are instantaneous, suction,
and discharge densities, A, and Ay, are the suction and discharge valve flow areas, and x;
and x4 are the instantaneous valve displacement heights for the suction and discharge valve
plates respectively.

For steady, compressible flow (0,3 < Mach < 0,8), authors base their models on flow through
a nozzle [63], [68]. The Saint-Venant equation is used to calculate flow through the nozzle
[53], [67], [68], [72]:

14
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1
P\¥
M = Agss py (P—Z) 2 ——1-2 (13)
1

where A, is the effective valve area, p; is the upstream working fluid density, P, and P; are
the down- and upstream pressures respectively, and y is the specific heat ratio.

At certain velocities, the working fluid is chocked (Mach > 1), which creates a critical pressure
ratio that replaces P, /P; [53], [68], [72]:

.
Peritical _ 2 y-1

= (14)
P, y+1

2.6 Overview of the modelling process

Compressors and their components are modelled to identify areas of energy use, the
influence of design changes, and compressor performance. Various methods of modelling are
used to simulate reciprocating compressors with varied complexity.

Mathematical models are categorised in the literature based on various characteristics.
Rasmussen and Jakobsen [73] categorise mathematical models according to the complexity
of creating the model. The following six categories were created:

e Statistical correlations based on the system performance

e Statistical correlations based on the compressor performance variables

e Process-oriented models

e Phenomena-oriented models with one or more control volumes

e Construction-oriented models with many control volumes and dynamic models
e Distributed models which use partial differential equations

2.6.1 Empirical models

Empirical models, which encompass both statistical correlation model types, are basic
mathematical models created from experimental datasets. This type of model requires a large
guantity of input data, which is usually only available to the compressor manufacturer. The
datais used to plot compressor performance, which enables the creation of polynomial curve
eqguations to simulate the compressor system [70], [73], [74], [75].

Empirical models are primarily used for fault-finding or supplied by the compressor
manufacturers to clients for product selection [73]. Empirical models are also used for testing
conditions set by ISO, ASHRAE, AHRI, etc. [73].

Alternatively, basic thermodynamic correlations can also be used to calculate compressor
output conditions. These semi-empirical models require less experimental input data as they
are created with well-known thermodynamic properties [74], [76]. This enables researchers
to simulate compressors without extensive experimental data known only to the
manufacturers.
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2.6.2 Process-oriented models (zero-dimensional models)

Process-oriented models are of increased complexity when compared to empirical and semi-
empirical models, as the compressor system is divided into different subprocesses, each
modelled separately [73].

Bradshaw et al. [77] described a comprehensive compressor model which required inputs
from five submodels of various compressor components and parameters. Similarly, Yang et
al. [78] simulated compressor valve springs, while Boswirth et al. [79] modelled compressor
valves to enable the designer to predict valve flutter.

The process of compression, occurring inside the compressor cylinder, is also simulated
separately [52], [70], [80], [81]. The modelling of the compression process can be divided into
two groups, a polytropic compression process and an energy process, where the first law of
thermodynamics is used [82].

Various researchers have successfully modelled and validated the compression process as a
polytropic process [52], [70], [80]. Lee et al. [83] compared a polytropic model, with different
polytropic indexes, to a model where the first law is used. This comparison showed that the
polytropic process model is a suitable substitute for the more complex first law process
model, with the only shortcoming being the modelling of instantaneous temperature [83].

2.6.3 One-dimensional (1D) and two-dimensional (2D) models

1D or phenomena-oriented models of reciprocating compressors include the modelling of
one or multiple control volumes. 1D models focus on simulating phenomena inside the
compressor instead of focusing on individual components [73].

Winandy et al. [75] successfully created a simplified 1D model following detailed experimental
analysis of a reciprocating compressor. The author was able to accurately calculate the mass
flow rate, mechanical power, and discharge temperature from the 1D model [75].

Rasmussen and Jakobsen [73] further explain that, as the number of individual control
volumes in the modelincrease, the control volumes tend to represent individual components.

Mohammadi-Amin et al. [84] compared a process-oriented model with a 2D model and found
good agreement between the resulting data. They conducted a parametric study of the
compressor with the OD model results as input for the more sophisticated 2D model.

Aigner et al. created both a 1D and 2D model to calculate the effect of pressure waves on
valve dynamics [85]. The models showed good agreement with experimental data and were
thus deemed sufficient to capture main compressor characteristics.

Balduzzi et al. [86] described a simplified 2D modelling strategy to accurately simulate a
reciprocating compressor. The use of this strategy eliminated the need for a 3D model,
resulting in reduced simulation costs.

The literature has shown that researchers have opted for less complex 0D, 1D, and 2D models
compared to complex and costly 3D models [67], [82], [84], [85], [86], [87].
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2.6.4 Three-dimensional (3D) models

With advancement in the computational power of computers, researchers have been able to
simulate compressors in three dimensions [25]. These 3D models make use of partial
differential equations to accurately simulate multiple processes in multiple volumes. The
interaction between fluids and devices can also be simulated using Computational Fluid
Dynamics (CFD). CFD modelling is the most detailed modelling method available but requires
substantial modelling and computational effort [87].

Suh et al. [88] and Pereira et al. [89] have successfully created simplified 3D models of
individual compressor components as an alternative to full 3D compressor simulation.
Ferreira et al. [90] created a full CFD model of a reciprocating compressor to simulate heat
transfer but noted that the simulation was computationally expensive. Various authors have
developed hybrid models, where complex processes are modelled with CFD and less complex
processes with process models to save computational cost [91].

Process-oriented models have been used to adequately simulate various phenomena of a
reciprocating compressor when compared to equivalent 1D, 2D, and 3D models [87], [92].
The process-oriented models have shown good agreement with experimental results with the
benefit of requiring less computational power and effort.

2.7 Summary

In this chapter, the different compression processes were discussed, and various methods of
achieving quasi-isothermal compression were investigated. The improvement of compressor
efficiency through various cooling methods was discussed. External and internal cooling
methods were described, while emphasis was placed on in-cylinder coolant injection.

Different cylinder wall heat transfer correlations were investigated and summarised in Table
1. Work by various authors was studied, and it was found that Adair et al.’s correlation is
widely used (see Table 2).

The different types of valves utilised in compressors were discussed with accompanying
equations for modelling the valve dynamics. The effect of the Mach number on valve mass
flow was investigated, and three equations were listed for incompressible, compressible, and
chocked flow.

The different modelling processes, from empirical to 3D models, were discussed, and a first
law model for simulating a reciprocating compressor with coolant injection and suction valve
control was deemed suitable for implementation in this study.

2.8 Conclusion

In-cylinder coolant injection process-oriented models have shown good agreement with
experimental results [52], [93]. The use of a polytropic index for modelling the compression
process is widely used in literature [52], [70], [80]. The first law of thermodynamics can also
be used to model the compression process. It is relatively simple to implement and enables
instantaneous temperature modelling of the compression process, which is desirable when
modelling the effect of in-cylinder cooling [83].
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The increased accuracy pertaining to the modelling of instantaneous temperature with a first
law model has made it a good candidate for simulating in-cylinder coolant injection with
suction valve control.
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Chapter 3: Modelling and simulation of reciprocating compressor
with coolant injection and valve control

3.1 Introduction

This section describes a first law of thermodynamics mathematical model of a reciprocating
compressor. A single-cylinder, single-acting compressor is considered with the assumption
that the model employed will be applicable to multicylinder compressors as well.

A basic schematic of the compressor model is shown in Figure 9. The working fluid enters the
cylinder through the suction valve at a mass flow rate of mg, temperature Ty, and pressure
P;, while leaving through the discharge valve at a mass flow rate of i, temperature T4, and
pressure P;. It is assumed that no spatial variation in pressure or temperature is present
inside the cylinder and piston ring leakage, and other nonidealities are ignored.

Coolant injection

Suction valve ‘\ l F Discharge valve

= ==

P mf(t) V()
T.(0

Figure 9: Schematic of compressor model

3.2 First law modelling of a reciprocating compressor

The compression and expansion processes are modelled using the first law of
thermodynamics (cf. Eq. (1)). The model created for this study is based on the thermodynamic
model used by Singh et al. [94] which was used to simulate an oil-flooded twin-screw
compressor.

Repeated here from Chapter 2 for convenience is equation (1), the first law of
thermodynamics, which states that the change in internal energy (AU) is equal to the change
in the work done (W) on the system and the heat energy (Q) which is either generated or
rejected.
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AU =W —Q (1)

The internal energy term can be written in the time interval At as:

du dm )
E = Cv ET + (T - Ts)ms (15)

where C,, is the specific heat capacity at constant volume of the working fluid, dm/dt the
mass rate of change of the working fluid inside the cylinder, T the temperature of the working
fluid, T5 the temperature of the working fluid through the suction valve, and ni, the mass flow
rate through the suction valve.

The work term can be written as:

aw _,dv R P 6)
at  dt psms pmd

where P is the instantaneous pressure inside the cylinder, dV /dt the rate of change of
volume, p the working fluid density, and ni; the mass flow rate through the discharge valve.

The assumption is made that the working fluid is a perfect gas, thus, eq. (1) can be rewritten
when combining (1), (15), and (16) as:

. dm , awv pF . P
Q=Cv ET-I_(T_Ts)ms +PE—EmS+;md (17)
The mass relationship can be expressed as:
dm
— =T — g (18)
And the ideal gas law as:
PV = mRT (19)

where R is the gas constant.

Thus, using equations (18) and (19), equation (17) can be reduced to:

ar_y—-1. ypPdV yP

yP, .
— = L] 20
it~ v v gy Tty M (20)
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The specific heat ratio y can be expressed as:

Error!
Bookmark C
y = (21)
not G,
defined.
where C, is the specific heat capacity of the working fluid at constant pressure.
The gas constant can be expressed as:
R=0C,— G, (22)
Combining equations (21) and (22),
R +1= (23)
¢, Y
Heat transfer through the cylinder wall can be expressed as [1]:
Q = h,A(T,, —T) (24)

where h,, is the coefficient of heat transfer of the cylinder wall, A the total area of the cylinder
wall in contact with the working fluid, T, the instantaneous cylinder wall temperature, and T
the cylinder gas temperature.

The coefficient of heat transfer for this simulation was calculated by solving Woschni et al.’s
[55] equation. Woschni’s correlation was selected, as it was found to be the median of the
compared correlations, as can be seen from the graphs of Tuhovcak et al. [60], and for its low
computational cost. Woschni et al.’s correlation is determined with:

h, = 0.035(R,)%® (25)

where the Reynolds number is calculated with:

vD
R, = — (26)
U

where D.,; is cylinder diameter, u the working fluid kinematic viscosity, and v the
characteristic velocity in m/s. For open valves, v = 6.618 X vp;son, and for closed valves,
v = 2.28 X Upiston-

Combining equations (19), (20), (23), and (24), the instantaneous cylinder pressure can be
calculated with:
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dP Ry

E - 7 (msTs - de) +

T, —T) ———
c,V Tw=T) =21y

Rh, A, dV P /R
1) 27
(cv + (27)

3.2.1 Modelling of cylinder volume rate of change

The compressor to be modelled is assumed to be crank driven. Srinivas et al. [70] expressed
an equation to describe a crank-driven compressor’s cylinder volume at any moment as:

VS tr

V="V+ [1 — cos (wt)] (28)

where V is cylinder volume, V,;, cylinder clearance volume, Vg, stroke volume, w crank
angular velocity, and t time. Solving equation (27) requires the rate of change in compressor
volume, dV /dt, which can be found by differentiating equation (28):

dV Vg

T wsin (wt) (29)

3.2.2 Modelling mass flow through valves

To determine the mass flow rate through the valves in this simulation, the approach set forth
by Srinivas et al. [70] will be used (cf. Eq. (11) and (12)). This approach was chosen to minimise
the computational cost and account for both valve nonidealities and back flow.

e

—P)

Cp, psAsy p ,for P, > P, and x; > 0
S
—Cp,PiAsy #,for P; > P, and x; > 0
. Pi
( 2(P; — Py)
Cp,PiAav T,forPi >P;and x; >0
l

2(Py — P)

,for Py > P;and x; > 0

3.2.3 Modelling valve dynamics and suction valve control

The desired compression process for the model, developed in this study, includes a novel
approach where quasi-isobaric compression is achieved at the commencement of the
compression stroke, as described by Jacobs [53]. This process is followed by quasi-isothermal
compression (viz. process 1-4-5 in Figure 6).
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The suction valve is modelled as a simple valve that is either fully open or fully closed. This
modelling approach allows the valve to be simulated as closed during the quasi-isobaric
process. The suction valve dynamics is based on the experimental setup implemented by
Jacobs [53].

The discharge valve will be assumed to be a poppet valve, and it will be modelled as a simple
spring-mass-damper system. The working fluid is assumed to be incompressible (Mach < 0,3),
thus following the approach set forth by Srinivas et al. [70] (cf. Eq. (6) and (7)). The restitution
effect will be neglected in this model.

3.2.4 Modelling coolant injection with adiabatic mixing

Heat transferin the compressor subjected to coolant injection occurs between (a) the working
fluid (gas that is being compressed) and the cylinder wall, and (b) between the working fluid
and the coolant.

The heat transfer from the working fluid to the cylinder wall is calculated with equation (24).
If an isothermal or quasi-isothermal compression process is considered, heat transfer to the
cylinder wall will be negligible.

Mixing of the working fluid and coolant is assumed to be an adiabatic mixing process, which
was selected because the heat transfer from the cylinder to its surroundings is negligible, and
the in-cylinder mixing process involves no work [24].

The change in energy for an ideal adiabatic mixing process can be expressed as:

dE.y . . .
dcty =E +E. - Ey (30)

where ES is the change in energy when the suction valve is open, E'C is the change in energy
during coolant injection, and Ed is the change in energy when the discharge valve is open.

The change in energy can be expressed in terms of mass flow rate and specific enthalpy,
E = mh, where specific enthalpy can also be written as h = cpT. Thus, equation (30) can be
expressed as:
AmCyl Cpcyl Tcyl
At

= (mgc,T,) + (mccpCTc) — (mdcpde) (31)

For a nonideal adiabatic mixing process, which better describes mixing in a compressor with
coolant injection, an adiabatic mixing effectiveness factor can be defined. Similar to Khan et
al. [95], who introduced the concept of quantifying the mixing effectiveness of flooded
compressors, an adiabatic mixing effectiveness factor ranging from 0 (no mixing) to 1 (perfect
mixing) can be used to account for nonideal adiabatic mixing compressors with coolant
injection.

Equation (31) can be rewritten as:

AmCyl CpcleCyl
At

= (mycy,Ts) + (®mecy T.) = (1iacy  Ta) (32)
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where @ is the adiabatic mixing effectiveness factor.

To account for the adiabatic mixing effectiveness on in-cylinder temperature, and to ensure
that the conservation of mass is upheld, the coolant mass flow in equation (18) is also
multiplied with the effectiveness factor (®). Equation (18) can be rewritten as:

dm
—p = M+ Prie — g (33)
To quantify the adiabatic effectiveness factor, a sensitivity analysis comparing simulated and
experimental data will be conducted to determine its approximate value.

3.2.5 Modelling coolant mass

The coolant injected into the compressor cylinder influences not only the in-cylinder
temperature but also the cylinder volume. A gaseous coolant will have a negligible effect on
the cylinder volume, while a liquid, which is considered incompressible throughout this study,
will decrease the cylinder volume when injected.

When a small amount of liquid coolant is injected into the cylinder, the liquid coolant will
evaporate and create a vapour mixture. As more liquid coolant is injected, the mixture will
become increasingly saturated with liquid until fully saturated, at which point the liquid
coolant will not evaporate but exist as a liquid.

Although the vapour mixture will be discharged at the end of the cycle, the liquid will build
up inside the compressor cylinder, as the clearance volume ensures that a certain amount of
the vapour remains in the cylinder after each cycle. This liquid coolant build-up will decrease
the cylinder volume and is accounted for with an empirically determined fraction.

Figure 10 illustrates how the clearance volume is affected by the build-up of the injected
coolant. Line a-a depicts a dry expansion process, while line b-b depicts the expansion where
the clearance volume is decreased due to the injected coolant not evacuating the clearance
volume after each cycle.
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Figure 10: Clearance volume variance due to coolant injection

3.2.6 Modelling coolant mass flow rate

To simulate the mass flow rate of coolant injected during timed cooling cases, the mass flow
rate was calculated using the measured coolant injection pressure. The coolant mass flow
rate can be expressed as [citation?]:

(2 X Pinj)

pwater

(34)

T
3 — 2
Mcootant = Pwater X Cd X (Z X dnozzle ) X

where p,qter is the density of water at 15°C, C; the coefficient of discharge of the nozzle,
dnozzie the diameter of the nozzle, and P;,; the injection pressure of the coolant. The

diameter of the nozzle was 0.3 mm, and the average injection pressure 5 MPa, obtained from
Jacobs [53].
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The nozzle coefficient of discharge C; is unknown; therefore, a sensitivity analysis comparing
the simulated and experimental data will be conducted to determine the influence of C; on
compressor performance. The C; will be calibrated against the experimental results to obtain
an approximate coefficient of discharge C;.

3.3 First law model and simulation initial inputs and outputs

The initial input values of certain model parameters necessary to numerically simulate the
compressor was selected and based on the input values used by Jacobs [53]. The initial input
parameters can be changed within the model to simulate different compressor setups and
scenarios. These parameters were used to investigate the effect of in-cylinder coolant
injection with suction valve control on a reciprocating compressor.

General initial inputs
e Compressor rotational speed (N)
e Stroke length (Lstr)
e Cylinder internal diameter (Dcy/)
e Percentage clearance volume (V;je0,)
e Discharge pressure (Pq)
e Suction pressure (Ps)
e Suction temperature (Ts)
e Cylinder wall temperature (Tw)
e Discharge temperature (Ty)
e Compressor mass flow without coolant injection (mpgryrun)

e Coolant mass flow as a fraction of compressor mass flow (Mcoolant)

Model options

1. Valve options
a. Automatic plate valves

b. Simple check valves

c. Timed valves

d. Timed valves with cooling

e. Timed suction valve with cooling and automatic discharge poppet valve

2. Cooling options
a. Continuous cooling

b. Timed cooling
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3.4 Solution algorithm

The equations given above are classified as first- and second-order nonlinear ordinary
differential equations (ODEs). This system of differential equations must be solved
simultaneously to simulate the workings of the compressor.

The fourth-order Runge-Kutta method was chosen to solve these equations for its ease of
implementation. The formula to solve ODEs with the Runge-Kutta method is:

Kl = f(til yl)
At At
K; =f(ti +7: Vi +7K1>
At At
K3=f(tl+7, yl+7KZ> (35)

K, = f(t; + At, y; + AtK3)
At
Yipir=yi + E(K1 + 2K, + 2K3 + K,)

3.5 where t is the time, subscript i the step, At the time-step size, and y the
variable to be solved. The Runge-Kutta method can be used to solve multiple
ODEs simultaneously by simply adding the applicable variables to the
function.Summary

This section described the first law of thermodynamics mathematical model of a reciprocating
compressor. This model can be used to simulate a reciprocating compressor either with or
without coolant injection to achieve quasi-isothermal compression. This model can also
simulate a quasi-isobaric process at the commencement of the compression stroke followed
by quasi-isothermal compression.

The following chapter will present and discuss the results obtained from the numerical
simulation. The results will be compared with the experimental results obtained by Jacobs
[53] which will serve as validation of the first law of thermodynamics mathematical model
developed in this study.
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Chapter 4: Numerical simulation and validation

4.1 Introduction

In this chapter, the results from the numerical simulation developed in Chapter 3: will be
presented and discussed. The results from the numerical simulation are compared with the
experimental results obtained by Jacobs [53]. This comparison will serve as the validation of
the first law of thermodynamics mathematical model presented in Chapter 3:.

4.2 Simulation methodology

This simulation is implemented in Mathcad Prime 8.0.0.0. software. The fluid properties used
were ascertained by means of Engineering Equation Solver (EES) software. Multiple data
points were exported to a Mathcad worksheet, and a curve fit was generated. The resulting
equation was referenced in the mathematical model.

4.3 Description of validation cases

Jacobs [53] experimentally measured six criteria during eight test cases. The test groups
consisted of a test case without cooling and one with timed cooling at a target pressure ratio
of 4, a test case without cooling, one with timed cooling, two with continuous cooling at a
target pressure ratio of 5.5, a test case without cooling, and one with timed cooling at a target
pressure ratio of 7. The parameters measured were suction pressure, discharge pressure,
suction temperature, discharge temperature, coolant temperature, and compressor speed
(cf. Table 3). The experimental values of the parameters from Jacobs [53] were used as the
input values for the numerical simulation presented here. The experimental data and
simulated results were quantifiably compared (cf. Figure 11 and Figure 14) with tolerance
limits similar to those used by Jacobs [53].

Jacobs [53] utilised functional analysis to quantify the difference between experimental and
modelled data. The Euclidean Relative Difference (ERD), Euclidean Projection Coefficient
(EPC), and Secant Cosine (SC) were used. The ERD evaluates the average difference between
the experimental and model data; thus, an ERD value of zero would suggest a perfect curve
fit. The EPC is a factor which would provide a perfect curve fit between the modelled and
experimental data when multiplied by the experimental data. An EPC of 1 would result in a
perfect curve fit. SC evaluates the fit of the modelled data curve according to its shape relative
to the shape of the experimental data curve. A perfect shape fit would render an SC of 1.

The tolerance limit used during validation is 20%, suggesting that the modelled data does not
deviate further than ERD < 0.2,0.8 < EPC < 1.2,and SC = 0.8.
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Table 3: Summary of experimental data obtained by Jacobs [53]. Wsed@stifnptitdai@dfor the numerical simulation.

Suction  Discharge Suction Discharge Coolant
Pressure Speed
Test group pressure  pressure temperature temperature temperature ratio (t/min)
(kPa) (kPa) ("C) (°C) (°C)
4 Dry 86.4 349.5 45.2 96.7 - 4.1 475.2
4 Timed 87.0 364.6 44.8 60.7 15.3 4.2 489.1
5.5 Dry 86.4 493.2 45.0 99.9 - 5.7 465.1
5.5 Timed 84.2 489.0 44.7 59.0 14.3 5.7 484.1
7 Dry 86.9 602.2 44.8 103.2 - 6.9 460.2
7 Timed 87.2 593.0 44.8 60.5 12.3 6.8 483.1
Table 4: Experimental data measurement uncertainty from [53]

Measurement Range Uncertainty (95% confidence)®

Suction pressure 0-100kPa a +1.03 kPa (+ 1.03% of FS)

Discharge pressure 0-1600kPaa +16.34 kPa (£ 1.02% of FS)

Cylinder pressure 0-1600kPaa + 8.66 kPa (£ 0.54% of FS)

Coolant injection pressure 0-10000 kPa a +54.15 kPa (+ 0.54% of FS)

Suction temperature -10-50°C +0.51 °C (+ 1.02% of FS)

Discharge temperature 0-360°C +3.61°C (+ 1.00% of FS)

Coolant injection temperature -10-50°C +0.51°C(+1.02% of FS)

Shaft position 0-360°C +0.51 °C (+ 0.51% of FS)

() Expanded uncertainty with coverage factor of 2 gives 95% confidence level. Measurement uncertainty includes influence of

instrument and data acquisition system (kPa a, absolute pressure in kPa; FS, full-scale).

A Type B uncertainty analysis as defined by NIST and ISO was used by Jacobs [53] to determine uncertainties of measurement.
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4.4 Coolant injection nozzle coefficient of discharge sensitivity analysis

As discussed in 3.2.6, a sensitivity analysis was conducted where the coefficient of discharge
C,4 varied between 0.3 and 0.6 for all timed coolant injection cases. The C; limit range was
based on the findings of [96], who found that the C, varies between 0.3 and 0.6 for hydraulic
swirl nozzles. It is evident in Table 4 that C; = 0.3 shows the best comparison with
experimental data for all timed coolant injection cases. Therefore, a coefficient of discharge
of 0.3 will be used during all validation cases.

Table 5: Coefficient of discharge sensitivity analysis results

Test group Cd ERD®@) EPCP) sct)
4 Timed 03 0.134 1.024 0.973
BN 0.4 0.135 1.027 0.973
o 0.5 0.136 1.030 0.972
J 0.6 0.138 1.033 0.972
. 0.3 0.136 1.064 0.982
i’o‘:’) lTa':"ted 0.4 0.137 1.066 0.982
o 0.5 0.138 1.067 0.982
J 0.6 0.139 1.069 0.982
S Timed 03 0.133 1.091 0.986
Coo'g‘st 0.4 0.134 1.092 0.986
cootar 0.5 0.135 1.093 0.986

injection
0.6 0.135 1.094 0.986

(@) ERD: Average difference between experimental and model data. Perfect fit: ERD = 0
() EPC: Quality of curve fit of model data compared to experimental data: Perfect fit: EPC = 1
() SC: Quality of modelled data shape compared to experimental data. Perfect fit: SC=1

Figure 11 and Figure 12 shows the temperature curve for each coefficient of discharge for the
4 timed case. A reference case, where C; = 1, was also included for illustration purposes.
These curves confirm that the model is sensitive to a change in coefficient of discharge, and
that the coefficient of discharge influences the discharge temperature.
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4.5 Effect of cylinder wall temperature

The cylinder wall temperature (T,,4;;) was varied to determine its effect on cylinder pressure.
The 4 dry simulated case was used where the cylinder wall temperature was simulated as
being equal to the suction, discharge, and mean air temperatures. Table 5 shows the effect
of the cylinder wall temperature on the validation results. It can be seen that the cylinder wall
temperature has little to no effect on the simulated data when compared with the
experimental results.

Table 6: Effect of cylinder wall temperature on validation results

Test case Tywan ERD®) EpC) e
Twau = Ts 0.227 1.132 0.910
(Ts + Td)
4 Dry Twau = — 0.227 1.133 0.910
Twau = T4 0.228 1.134 0.910

(@ ERD: Average difference between experimental and model data. Perfect fit: ERD = 0
() EPC: Quality of curve fit of model data compared to experimental data: Perfect fit: EPC = 1
(@ sC: Quality of modelled data shape compared to experimental data. Perfect fit: SC=1

4.6 Coefficient of heat transfer sensitivity analysis

The coefficient of heat transfer (h,,) determined with equation (25) was used to simulate the
heat loss through the cylinder wall. This heat transfer coefficient is not representative of the
experimental setup used by Jacobs [53]. Therefore, a calibration factor (CF,,) was introduced
to correct the simulated results.

The dry simulated cases were used where the calibration factor was increased until the
simulated and experimental discharge temperatures were within acceptable error limits. It
was found that a calibration factor of 10.5 for the pressure ratio of 4, 21.5 for the pressure
ratio of 5.5, and 25.5 for the pressure ratio of 7 should be used (cf. Table 6).

Table 7: Effect of coefficient of heat transfer calibration factor on discharge temperature

Experimental . . Error
. Simulated discharge
Test case discharge CE, temperature (K) [°C] percentage
temperature (K) [°C] P (%)
1 453.5[180.4] 23
4 Dry 369.9 [96.7]
18 370.1[97] 0.1
1 510.3 [238.4] 37
5.5 Dry 373.1[99.9]
215 373.8 [100.7] 0.2
1 529.6 [256.5] 41
7 Dry 376.4 [103.2]
25.5 377.5[104.4] 0.3
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4.7 Adiabatic mixing factor sensitivity analysis

As discussed in 3.2.4, an adiabatic mixing effectiveness factor (®) sensitivity analysis was
conducted, as the effect of this factor is unknown. Table 7 shows the effect of the adiabatic
mixing effectiveness factor when varied from 20% to 100% effectiveness. A C; = 0.3 and
mean cylinder wall temperature was used.

It can be seen from Table 7 that a lower adiabatic mixing effectiveness factor of 0.2 compares
best with the experimental results for all test groups.

Table 8: Effect of adiabatic effectiveness factor on validation results

Test groups Adiabatic mixing ERD® EPCP) sct
effectiveness @

0.2 0.131 1.014 0.973

4 Timed 0.4 0.132  1.017  0.973
coolant 0.6 0.133  1.019  0.973
injection 0.8 0.133  1.021  0.973
1 0.134 1.024 0.973
0.2 0.134 1.058 0.982
5.5 Timed 0.4 0.134  1.059  0.982
coolant 0.6 0.135 1.061 0.982
injection 0.8 0.136 1.062 0.982
1 0.136 1.064 0.982
0.2 0.131 1.087 0.986
7 Timed 0.4 0.131 1.088 0.986
coolant 0.6 0.132 1.089 0.986
injection 0.8 0.132 1.090 0.986
1 0.133 1.091 0.986

(@ ERD: Average difference between experimental and model data. Perfect fit: ERD = 0
(®)  EPC: Quality of curve fit of model data compared to experimental data: Perfect fit: EPC= 1
() sC: Quality of modelled data shape compared to experimental data. Perfect fit: SC = 1

The low adiabatic mixing effectiveness factor can be attributed to two factors: insufficient
penetration of the coolant into the cylinder during injection, or insufficient heat transfer
between the coolant droplets and working fluid due to large average droplet sizes.

4.8 Validation results

The validation of the simulation was carried out with input parameters as per Table 3. A
coefficient of discharge for the coolant injection nozzle of 0.3 for timed cases, a mean cylinder
wall temperature calculated with the suction and discharge temperatures, and an adiabatic
mixing factor of 0.2 was used for all simulated cases.
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Table 9: Validation results

Test group ERD®@  EpPCb) sct)
4 Dry 0.124 0974 0.952
4 Timed coolant injection 0.139 1.080 0.969
5.5 Dry 0.101 1.054 0.976
5.5 Timed coolant injection 0.141 1.102 0.985
7 Dry 0.133 1.118 0.984
7 Timed coolant injection 0.131 1.107 0.989
Maximum deviation 0.141 1.118 0.952
Average deviation 0.128 1.073 0.976
Minimum deviation 0.086 0.993 0.989

(@ ERD: Average difference between experimental and model data. Perfect fit: ERD = 0
() EPC: Quality of curve fit of model data compared to experimental data: Perfect fit: EPC = 1
(©sC: Quality of modelled data shape compared to experimental data. Perfect fit: SC =1

The results in Table 8 show deviations of 0.101 < ERD <0.141,
0.974 < EPC <1.118,and 0.952 < SC < 0.989 when compared with the experimental
data. All pressure ratio test groups show good agreement with experimental data, with the
5.5 dry simulated case showing the best results.

4.9 Summary

This section presented and discussed the results emanating from the numerical simulation
developed in Chapter 3:. The simulated results were compared with the experimental results
obtained by Jacobs [53] and showed acceptable agreement. The numerical simulation has
thus been validated and can be used to determine the effect that timed coolant injection with
suction valve control has on reciprocating compressors.

The following chapter will discuss the comparison between discharge pressure, discharge
temperature, and indicated work done per cycle. The application of the model beyond its
tested operating range will also be presented.
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Chapter 5: Results and discussion

5.1 Introduction

In this chapter, simulated and experimental values of discharge pressure, discharge
temperature, and indicated work per cycle will be compared. The application of the model
beyond its tested operating range will also be presented.

5.2 Simulated vs experimental results

The simulated discharge pressure for all test groups were compared with the experimental
results. Table 9 shows the discharge pressures as well as the error percentage calculated
between the experimental and simulated results. It is evident that the higher-pressure-ratio
test groups compare better with experimental results with the last simulated case (7 timed
coolant injection), rendering a very good result.

Table 10: Simulated vs experimental discharge pressure validation results

E
Average experimental discharge Simulated discharge rror
Test group (a) percentage
pressure (kPa) pressure (kPa) (%)
(0]
4 Dry 349.5 431.2 23
4 Timed coolant injection 364.6 402.5 10
5.5 Dry 493.2 536.1 9
5.5 Timed coolant injection 489.0 496.7 2
7 Dry 602.2 620.4 3
7 Timed coolant injection 593.0 593.7 0.1
@ Average experimental discharge pressure calculated from Table 6.2 in [53]
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Figure 15: Discharge pressure: Experimental vs simulated results for all cases

The simulated discharge temperature for each timed case was compared with the
experimental results. The dry cases were used to determine the heat transfer coefficient
calibration factor. Table 10 shows that all timed test groups show good agreement when
compared to the experimental results, with the highest error percentage at 6% in the 7 timed
coolant injection simulated case. It can be noted that the error percentage rises as the
pressure ratio increases.

Table 11: Simulated and experimental discharge temperature comparison

Average experimental discharge Simulated discharge Error
Test group temperature temperature percentage
(K) [°C] (K) [°C] (%)
4 Timed coolant injection 333.9[60.7] 344.1[71.0] 3
5.5 Timed coolant injection 332.2 [59.0] 348.9 [75.8] 5
7 Timed coolant injection 333.7 [60.5] 355[81.9] 6
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The simulated indicated work per cycle for all test groups were compared with the
experimental results. Table 11 shows the indicated work per cycle as well as the error
percentage calculated between the experimental and simulated results. The pressure ratio 4
and 7 test groups show good agreement with experimental results, with the 5.5 pressure ratio
test group showing the largest disparity.

Table 12: Indicated work done per cycle results

Average experimental  Simulated indicated  Error percentage

Test group indicated work per work per cycle (%)
cycle (Joule) (Joule)
4 Dry 29.48 31.33 6
4 Timed coolant injection 27.38 29.53 8
5.5 Dry 32.23 36.07 12
5.5 Timed coolant injection 26.31 32.17 22
7 Dry 33.71 37.53 11
7 Timed coolant injection 32.03 33.65 5
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Figure 17: Indicated work per cycle: Experimental vs modelled results for all cases

It is evident in Table 11 that when a comparison between the simulated dry and timed
simulated cases are made, the timed simulated case indicates a reduction in work per cycle.
This reduction in work signifies the advantage gained when employing valve control with
timed coolant injection in reciprocating compressors.

Table 12 shows the reduction in simulated indicated work per cycle for each test group in
Joule and as a percentage. It can be seen that the effect of the timed coolant injection with
suction valve control increases as the pressure ratio increases. Therefore, an investigation
into the application of the model beyond its tested range with a higher pressure ratio will be
conducted.

Table 13: Simulated effect of timed coolant injection with suction valve control

Simulated indicated Reduction in simulated Percentage

Test group work per cycle indicated work per cycle saving

(Joule) (Joule) (%)
4 Dry 31.33 18 6
4 Timed coolant injection 29.53 '
5.5 D_ry o 36.07 3.9 1
5.5 Timed coolant injection 32.17
7 Dry 37.53
7 Timed coolant injection 33.65 3.9 10
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Table 14: Extrapolated input data for the 10 timed test group

Suction  Discharge Suction Discharge Calibration Coolant Pressure  Speed Coolant mass
Test group pressure  pressure  temperature temperature factor temperature ratio (r/min) flow rate
(kPa) (kPa) (°C) (°C) (CKy) (°C) (kg/s)
10 Dry 87.0 870 44.8 109.6@ - - 10 4854  0.42x1073
10 Timed 87.0 870 44.8 60.1 53 10.0 10 485.4 0.42 x 1073
10 Timed-Low Tcoolant 87.0 870 44.8 60.1 53 1.0 10 485.4 0.42 x 1073
10 Timed-MMF 87.0 870 44.8 60.1 53 1.0 10 485.4 1.27 x 1073

@ Extrapolated from the experimental results presented by Jacobs [53] with discharge temperature = -0,0073x3 + 0,1532x? + 1,1325x + 90,253,
where x = pressure ratio
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5.3 Model application cases

The 4 timed simulation case model was modified to simulate a reciprocating compressor with
a pressure ratio of 10:1, as the experimental compressor was designed for this maximum
pressure ratio. The input parameters were extrapolated from Table 3 (cf. Table 13).

As with the previous cases, the dry simulated case was used to determine the heat transfer
coefficient calibration factor. No experimental discharge temperature is available for
calibration; therefore, the input discharge temperature was used.

The simulation groups consisted of a dry and timed case that was modified to represent the
new pressure ratio. Additionally, a simulation case where the injected coolant temperature
was decreased to 1°C (10 Timed-Low Tco0iant) and a case where the coolant mass flow rate was
increased threefold (10 Timed-MMF) were also added.

5.4 Model application cases results discussion
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Figure 18: 10:1 Pressure ratio simulated cases: Pressure vs rotational angle data comparison
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Table 14 shows the discharge pressure, discharge temperature, and indicated work per cycle.
It is evident that the discharge pressure and temperature of the Timed-Low Tcooiantand Timed-
MMF simulation cases show no deviation from the timed simulation cases.

The indicated work per cycle for the Timed-Low Tcooiant Simulated case is similar to the timed
simulation case. However, the indicated work per cycle for the Timed-MMF simulated case
was 0.2% less when compared to the timed and Timed-Low Tcoolant.

Table 15: Results of discharge pressure, discharge temperature, and indicated work per cycle for the
high-pressure-ratio test group

Discharge Discharge Simulated
Test group pressure temperature indicated work
(kPa) (K) [°C] per cycle (Joule)
10 Dry 894.4 - 31.85
10 Timed 952.4 367.67 [94.5] 28.92
10 Timed-Low Tcoolant 952.4 367.67 [94.5] 28.91
10 Timed-MMF 952.4 367.67 [94.5] 28.86

Table 16: Simulated effect of timed coolant injection with suction valve control for all test groups

Simulated indicated Reduction in simulated

Percentage saving

Test group work per cycle indicated work per cycle dry vs timed
(Joule) (Joule) (%)

4 Dry 31.33

4 Timed coolant injection 29.53 18 >7

5.5 Dry 36.07

5.5 Timed coolant injection 32.17 3.9 10.8

7 Dry 37.53

7 Timed coolant injection 33.65 3.9 103

10 Dry 31.85 - -

10 Timed 28.92 2.93 9.2

10 TImed-LOW Tcoolant 28.91 2.94 9.2

10 Timed-MMF 28.86 2.99 9.4

Table 15 summarises the simulated indicated work per cycle for each simulation group. When
comparing the dry and timed simulation cases, it is evident that the timed cases require less
work to be performed to reach the required discharge pressure.

The percentage of work saved increases from 5.7% for the 4 pressure ratio case to 10.3% for
the 7 timed case. However, the percentage of work saved starts to decrease as the pressure
ratio is increased to 10:1.

Although the percentage of work saved between the dry and timed simulated cases starts to
decrease beyond the 5.5 timed test group, the simulated indicated work per cycle of the
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timed simulated cases for the 10 pressure ratio test group is lower than the 5.5 and 7 timed
cases. This indicates a saving of work per cycle, as less work is required to deliver a higher
discharge pressure.

5.5 Summary

Chapter 5: compared the simulated and experimental values of discharge pressure, discharge
temperature, and indicated work per cycle of the 4, 5.5, and 7 pressure ratio test groups. The
application of the model beyond its tested operating range was also presented with the
addition of a 10:1 pressure ratio test group. Additional timed scenarios, where the injected
coolant temperature was decreased and the coolant mass flow rate was increased, was also
presented.

The results from this chapter illustrated that a saving in indicated work could be achieved if
valve control with coolant injection is utilised on reciprocating compressors.
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Chapter 6: Summary and conclusion

6.1 Introduction

This research study demonstrated the development and validation of a mathematical model,
based on the first law of thermodynamics, for a reciprocating compressor subjected to
coolant injection and valve control. The simulated data was compared with experimental
results and showed overall good agreement.

The validated simulation was used to simulate a pressure ratio beyond its tested operating
range. The results of this simulation showed that a saving in indicated work can be achieved
at higher pressure ratios.

This chapter will discuss some observations made during modelling, challenges overcame,
and recommendations for future research.

6.2 Modelling of a reciprocating compressor with timed coolant injection and
valve control

Compressors have broad applications in both the household and industrial sectors. Their
application for energy storage schemes such as CAES and CES was discussed in Section 1.1.1,
while their energy consumption was investigated in Section 1.1.2.

Pursuant of higher efficiencies, various research studies have been conducted to increase
compressor efficiency. These strategies were discussed during the Literature Review
conducted in Chapter 2:. The creation of mathematical models, ranging in complexity, to
simulate compressors and aid in the design of more efficient compressors was discussed in
Section 2.6. The strategy proposed by Jacobs [53] was chosen to create a 1D mathematical
model based on the first law of thermodynamics. Chapter 3: described the modelling process
and strategy employed to model each subsystem.

6.3 Validation procedure and results

The validation procedure of the simulation, described in Chapter 4:, commenced by
initialisation with input data obtained from Jacobs [53]. The input data corresponded with
three experimental pressure ratio test cases comprising two test case sets, namely dry and
timed. Sections 4.4 to 4.7 described the calibration of the model with experimental data that
either was not or could not be measured.

The simulated data obtained was compared with the experimental results in Section 4.8. The
Euclidean Relative Difference (ERD), Euclidean Projection Coefficient (EPC), and Secant Cosine
(SC) were used to evaluate the error percentage between the experimental and simulated
data. These three methods were discussed in Section 4.3.

6.4 Recommended application of the mathematical model

This research study aimed to develop and validate a mathematical model based on the first
law of thermodynamics that will support the development of reciprocating compressors with
improved efficiency. The current model, with a reduction in indicated work required to
achieve high pressure ratios, showed that current reciprocating compressors can be improved
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This model can be utilised to design high-pressure-ratio reciprocating compressors that utilise
coolant injection and valve control for increased efficiency. These high-pressure-ratio
compressors could ideally be used for CAES applications to increase the overall system
efficiency.

6.5 Recommendations for future research

This model was created with the intent of forming a foundation for future modelling of a
reciprocating compressor with coolant injection and valve control. Thus, keeping the model
modular was kept in mind throughout. The model consisted of a main programme with input
functions for valves, heat transfer coefficient, etc. These functions can easily be selected,
deselected, or replaced by other functions. Additional components not included in the model
(cf. Figure 9), such as the suction and discharge piping, filters, piston ring leakage, a muffler,
etc., should be included and their effect on the overall efficiency accounted for.

The coolant utilised throughout this simulation is water with a temperature ranging from 15°C
to 1°C (cf. Table 3 & Table 13 ). Thus, a limiting factor to the effect of the injected coolant is
the temperature at which water freezes. The use of heat transfer fluids that can be chilled to
below 0°C should be investigated.

The working fluid, air, is assumed to be an ideal gas (cf. Equation 19-23) which limits the
simulated behaviour of boundary work. This should be explored further.

Although an increase in indicated work has been reported, it should be noted that the
increased work required to chill the coolant has not been accounted for. Therefore, the
overall efficiency of the system should be investigated.

The current adiabatic mixing process modelled, although suitable for this simulation, could
be replaced by a more representative droplet coolant injection model. The effect of coolant
evaporation during adiabatic mixing should also be explored.

Future research should include the use of the current model to investigate improvements to
coolant injection timing and amount as well as other geometric features. The model could
also be used to determine and recommend general compressor improvements. The current
model should also be incorporated into a CAES system process model.

6.6 Conclusions

This study showed that when coolant injection and valve control for reciprocating
compressors are employed, a reduction in indicated work is achieved.

The model presented here, based on the first law of thermodynamics, was not optimised and
included a high calibration factor to simulate the heat transfer through the cylinder walls.
Therefore, the current model would benefit from refinement during future research.

Ultimately, this model achieved its aim; that is, to be utilised during the design of efficient
compressors and form the basis of more complex and refined models of reciprocating
compressors with coolant injection and valve control.
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Appendix A
Program Listing: First law of thermodynamics model

DYNAMIC SIMULATION OF RECIPROCATING COMPRESSOR USING THE ENERGY EQUATION
(Unit system: kg, m, sec, Joule, Kelvin,rad)

Compressor inputs:

N:=489 1 Compressor speed (r/min)

2o N ; .
Wiz =0 w="51.218432229 Compressor angular velocity
 :=0.060 Stroke length (Lombardini 15 LD 225)
Logn=0.1 Connecting rod length (Lombardini 15 LD 225)
D yy:=0.069 Cylinder diameter
A= I » Agy=0.003739281 Cylinder cross sectional area
Var=Ags* Lsy V,,=0.000224357 Stroke volume
R:=287 Specific gas constant of Air
y=14 Ratio of specific heats
Cpi=1005

Specific heats

C,=718
Clearance =6 56% Percentage clearance volume
Ve dy:= Clearance « Vi, Viie.dy=0.000014718 Dry clearance volume
FracCleVol=10 Fraction of clearance volume occupied by coolant build-up.

Range from 0 (dry) to 1 (completely filled)

Vee:=(1— FracCleVol) « Ve gy Effective clearance volume
he:=0.0005 Clearance height between
piston & cylinder top
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initial i .

P =87.10°

Pi=364 6.10°

T.:=273.15+44.8

T,=273.15+60.7

Faio=4.190804598

T.=317.95

T,=333.85

Suction pressure

Discharge pressure

Pressure ratio

Suction temperature

T,—273.15=5275 Cylinder wall temperature

2

Tooe=273.15+15.3 T oom=285.45 Coolant temperature

P, i _ :
psi=p ps=0.953407418 Density of Air at suction

=B . ) i
Pyi= Py=3.805251686 Initial estimate of density of

R-Ty Air at discharge

Properties of Water

Correlations for the liquid water thermophysical properties internal energy (u), isochoric
specific heat capacity (Cv), isobaric specific heat capacity (Cp) and density (o) were derived
by means of curve fits from Engineering Equation Solver (EES) produced properties for water.
EES makes use of Hyland and Wexler, Formulations for the Thermodynamic Properties of the
Saturated Phases of H20 from 173.15 K to 473.15 K, ASHRAE Trans., Part 2A, Paper 2793,
1983. to determine the thermophysical properties of water. The above properties for water are
dependant temperature. Pressure has a negligible influence in the pressure range considered
i.e. 100 kPa to 10 000 kPa. The correlations are only valid for temperatures between 274 K
and 360 K (1°C - 87°C).

u=(-1142.46138 + 4.18289939*T)*1000 (1/kg)

cv=(3.82779518 + 0.0058718703*T1 - 0.0000162788155*T1-2)*1000 (J/kg.K)
cp=(5.74494886 - 0.00985993986*T1 + 0.0000154948162*T1-2)*1000 (1/kg.K)
cv=(3827.79518 + 5.8718703*T1 - 0.0162788155*T1"2) (1/kg.K)

cp=(5744.94886 - 9.85003986*T1 + 0.0154948162*T1~2) (J/kg.K)
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Uy ()= (~1142.46138 +4.18289939 - T} - 1000

Cp,,(T) :=5744.94886 — 9.85993986 « T+0.0154948162 - T2
__ P=1000 kPa
Cv,,(T):=3827.79518+ 5.8718703- T—0.0162788155 - T* 274 K< T<360 K

Py(T):=(165.845153) + 7.43367357 . T—0.0209620692 - T +0.0000180533304 . T

u,,(280) =28750.4492 Upoat T e= 1, (T)
Assign coolant
Cp, (280) =4198.95928928 COpoei( T) = Cp,, (T) properties to water
__ properties.
W Other coolants can be used
Cv, (280) =4195 6597288 Cv_(T)=Cv, (T) oot ffecting the i
program syntax.
0,(274)=1000418711137 Peoail TV 1= 02, (T)
Coolant mass flow options:
C,;=03 Coolant injector
coefficient of discharge
Pigit=5+10% Coolant injection pressure,
see Jacobs Thesis
Pratert=998 Density of water
ez t=0.0003 Diamter of nozzle,
see Jacobs Thesis
2.p. 0
Q::Gd-(n 'dmz]”?{ i)
4 Prater
M it ™= @ Poyater M’ i = 0-002118453
Define adiabatic mixing effectiveness factor: e=02
M coctant frac™=1 Coolant fraction of

total mass flow rate
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MY st = € * M cotamt® M sosiant frac Coolant mass flow rate

M ey = 0.000423691

Mote:
Alternative to the methodology above the coolant mass flow rate could be directly
specified with m',,=

FracCleVol=0 Fraction of clearance volume filled by coolant.

Ve sy=0.000014718

VBDDI.::FE:: FracCleVol« Vd&nﬁy

Mool cle ::pm{Tm} Voorce=0 Mass of coolant in clearance volume.
Program inputs:
no_divs:=50000 Number of divisions per
revolution
Number _of revs=6 Mumber of revolutions
Automatic plate valves: valves = 0
Simple check valves: valves = 1
Timed valves: valves = 2
Timed valves + cooling: valves = 3
Timed suction valve + discharge automatic valve + cooling: valves = 4 R
Mo valves (for verification purposes) valves = 99
Check valve with plate valve properties: chkv_ideal = 0 chkv_ideal:=0
Ideal check valve with no losses: chkv_ideal = 1
B.,:=90. deg Suction valve open angle - Timed
8. =195.deg Suction valve close angle - Timed
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0,,.:=70-deg Suction valve open angle -Timed + cooling

8. .=1748.deg Suction valve close angle - Timed + cooling

6,,:=315-deg Discharge valve open angle - Timed

8;.:= 359 deg Discharge valve close angle - Timed

B50.=327-deg Discharge valve open angle - Timed + cooling

8. 1= 355- deg Discharge valve close angle - Timed + cooling

B coor=180-deg Cooling timing angle - start cooling

B, cont=240-deg Cooling timing angle - end cooling

e

Myatin = =3333333333
st
2
Displacement Sl 1) i= 'L_’f". (1—cos(w+1) +Logye (sin(w-1)*
2 2+ (o)’

Piston Velocity Ve (1) 1=

o2 () Sl 0) fn]‘

Valve data:

Mass (kg) of suction valve
my,:=0.026
my,==0.026 Mass (kg) of discharge valve
D,,:=0.0286 Valve cross sectional flow

diameter
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r.,=0.0143
Fﬂ.‘,z U_{]{]B

A, =0.000642424

A4,=0.000201062

max_position,, :==0.0059

max_positiong, = 0.0097

¥_max = max_positiong,

y_max:=max_position,,

xil‘l'md = x_mx

Viimeq®=}_max

k= 1946
ky:=1946

Fp‘m = 16.53

cm = [].5
GﬁiZ 1

Gﬂ'-‘-: 1

D, :=0.0286
Dy=0.016

As =:TIT‘ Dsz

A.=0.000642424

© Central University of Technology, Free State

Valve cross sectional flow
radius

Valve cross sectional flow
areas

Maximum valve displacement

Valve lift height if timed

Suction valve spring stiffness
(N/m)

Discharge valve spring
stiffness (N/m)

Pre-load on discharge valve
spring (N)

Damping coefficient (N.s/m)

Valve coefficient that
accounts for loss of energy
due to orifice flow entrance
friction effects are ignored if
cf=1

Valve diameter on which
pressure acts

Valve area on which
pressure acts
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Aw:%- DS A4=0.000201062
af:=02 Adjustment factor for valve
Cd function
Cd(x.d) :=L+ 0.32—af Valve coefficient of discharge
X4+029 function
d
C,:=0625 Valve coefficients of
discharge for use with
G, :=0625 Simple Check valves
Bjei=22 65.deg
Suction valve rise and fall
Bpi=Bise angles
valve opt suc:=1 if valves=0
" option +— “Automatic plate valve™ | |
if valves=1 .
|| option +— “Simple check valve™ |
if valves=2
|| option — “Timed valve” |
if valves=3 |
[| option « “Timed vaive + cooling”|
if valves=4
" option +— “Timed valve” |
if valves=99 .
|| option +— “No valve” |
option
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valve_opt dis:=|| if valves=0

option

5 valve open angle:=

5 valve close angle:= i

|| option — "Automatic plate valve™ | |
if valves=1

H option «— “Simple check valve" |

if valves=2

N option — “Timed valve" |

if valves=3 .
|| eption — “Timed valve + cooling” |
if valves=4

|| option +— "Automatic plate valve” | |
if valves=99

H opiion «— “No valve” |

if valves=3
SB.E-._

svslartang
deg |

if valves=4

S

svslartang —
deg ||

svstartang

cool_start_angle:=!! if valves=13

© Central University of Technology, Free State
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cool end angle:=|| if valves=3

coolendang «— B con [l
deg
if valves=4
coolendang <—ge—;"’“'
deg |
coolendang
“WARIABLE" UNITS) “SUCTION® “DISCHARGE"
“Plate mass™ “(kg)” My, My,
“Discharge coeff.” “nfa” “Cd{x.dy “Cd(x,d)"
“Crossect. flow diam.” “(m)" D, D,
"Max. valve displ.” “{m)" max_position,, max_positiong,
“Valve lift height {timed)” “[m)" Viimed Ximed
Valve datg:= “Orifice ﬂDW IDS? coeff.” “‘nfa” Gfs Gﬂ'
- “Valve spring stiffness” “(Nimy” k, by
“Walve damping coefficient” “(N.s/m)” Coiamping € tamping
“Valve pressure diam.” “{m)" D, Dy
“Walve option” “nfa’ valve opt suc valve opt dis
“START & END ANGLES” = “START ANGLE" “END ANGLE"
“Suction valve” “(deg)” s _valve open _angle s valve close angle
“Cooling” “(degy” cool_start_angle cool_end angle
chkv_ideal_properties:= || if chkv_ideal=1|
dyy— D2
dy+—Dg,-2 |
Cas 1
Cog+ 1
if chiv ideal=10
dgy+— Dy, [
ddlf'i_ Dm_.
Cge+— G
Cag*— Cug
augment (dy, . dgy, Gas » Gag) |

sz = chkv_:dear_pmperﬁesﬂ .
D gy == Ghikv_i deaf_pmpe.rﬁesm 1
Cys:=chkv_ideal_properti es,

2

Cadi=chkv_idea I_properties_ :

3
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ki T):=|| “Thermal conductivity (W/m_K) for air - ideal gas (temps = Kelvin)"
“Walid between 143 & 1050 Kelvin®
if 143=< T<1050

|=.

H k+— 1.64301699. 10~ + 8.60224688- 10°. T—2.06562347. 10°. T | |
if T<143

| k0014
if T= 1050

| k+—0.069|
k

ive | f ffici [ lind I hni):
There are many heat transfer correlations. See summaries of Tuhovcak and of Disconzi.
Correlations are sensitive to boundary and operating conditions. Calibration is required
in many cases. Woschni gives results close to that of Disconzi (one of the newest
(2006)) but is simpler to implement. Hence Waschni will be used.

Woschni . - Re ul #=6.618-u, - opened valves
] = 3 =—
O5CINI Nie=01035Re % = TIR ”.u - closed valves

CF,=18

ult,suc_valve,dis valve): =i suc valvev dis valve=1
|| ||EE1E Ve (1)
I

elze

228+ Ve (0

u(t,suc_valve dis_valve).D,,

RE{T1 E,SUG_FEIL-'E ¥ dll.s_ H"E.FVE} =
p(T)

hw(T,t,suc valve,dis valve):=0035-(Re(T,t,suc valve,dis valve))®®-CFy

By (£) = (S (£) + Pge) Instantaneous cylinder wall
height
Ay wai(£) =17 Doy (Scpen (£) + i) Instantaneous
circumferential wall area
Ay (t):=((Acyi* 2) + Agyrwan(D)) Instantaneous total wall area
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dPdt (P, V, dVdt,m's, Moy, T,p. 1, h) = X (e Tom Mgy T}
Mass:
dmdt (m'e, . M'oyg) = (M) — Mo
Suction valve motion:
dydt{u)=u

E}']U P] {Cfs 5 ( s_p}}_ks‘y

mﬁ‘l"
Discl l tion:
dxdt{v)=v
v, 8P (P=P) e X ot~ (G
Mgy

ASVM.‘-:z- H-}fm. r.'n-'

AdVimeg =2« T Xiimeq* Ty

8 step size:= 2-r.r
- no_divs
df:=8 step size

655 seti=rOUNd ( =

8
8. _.:==round |—=
5¢_act [ da

© Central University of Technology, Free State
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a
B scte'= rﬂund[ doc |, g

B

8,
Bie._acti=round ( :;} .df

a
Blose scts = round [’?T'?d] -d@
'ge cool
Em_ac‘f_e := round ?7 -dg

. I ion if timed:
Valve displacement vs actuation cam angle was experimentally determined. A curve
fit equation was derived with the following constants.

c¢1:=0040917348  ¢2:=0.203880272 c3:=0.0643145771 c4:=0.00505651277

¢5:=0.000103019891

2 F 4
—cT14+c2s [E. 18[’]4_(;34. [E*@] _{;4.[3.@] _|.(;5..[ .E)
I I m m

1000

¥s.rise EH} =

ch:=590382603 cr:=00528239235 ¢8:=0.01922864 c9:=0.00278969369

¢10:=0.0000675602867
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m Ir m

}r.sﬁ.ﬂ'[:ﬂ} =

c6—c7- [9.@}+ ca.[a.ﬁ)z 9. (e. 18[’}3 +.—;m.[9.

180
L

_]“

1000

y_s(8):= !l “Function: TIMED SUCTION VALVE MOTION"
*y_s = suction valve displacement at angle theta” |
“Comect angles for curve fit equations:”

Boorrise — 80— B5.c
Hc:m'.faﬂ — 8- {Hsc.c_ EH}
“Suction valve rise period:”
if B2 62 M0< (Bo o+ B |
|| ¥ S+ Vsrise {gmrrme}
“Suction valve fully open penod:”
if 8> (B00+ Brise) MO < (B c— Bray)|
” ¥ S+ ) _max |
“Suction valve fall period:"
if 6= (Bypo— Bpan) ANO< By,
|| Y S5+ Vo (Elmrfa'ul}
¥_§

Program variables;
fime one rev::L
- - N
60
Time _step_size = Ime_one_rev
- no_divs
At:=Time_step_size

time_one_rev

Time step size

no_of | loops:=Number of revs

© Central University of Technology, Free State

time _one rev=0.1226743

Time _step size=0.000002453
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Wwd =0
o

suc;_vah-eu =0

mmu:tn = Moo cle

O
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% =0.003

W, =y_max
v,=0
u:=0

m = 0.000050404

Vn =0.000014718
dis_l"aﬂﬁeﬂ:: 1

Miogige=0
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Write initial values to
file:

i'np‘f_mfm{xvt}-'uPVm Mouy T, P,

Main Program:

end —

“ENERGY EQUATION"
“Time step:”
At +— Time _step size

“Solution period (seconds).”

fime_end — fime_one_rev« Number of revs
j+—0

fime_end

for fe 1..no_of | loops .
“Read from file vanables from end of previous rev. & declare new initial values for next rev.”

@
Central University of
Technology, Fr Lt te

ee «— READPRN (concat(“aaC”, num2str(j— 1), " tt™))

X — e
a n,0
vV —ee
a 0,1

t —ee
] o,z

—ee
Fﬂ o,3
u_+—ee
a o4
P —ee
0 0,5

V —ee
o 0,6

m. +— ee
iy 0,7

My — B8
out, 0,B

T —ee

o 0,9

Pﬂi_ eeﬂl, 10
d'l.-"dtﬂa— ee

0,1
Wd —ee
o 0,12
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En«'—ﬂ “

forjie 1w | ||

At .l

fJ*—fI_1+ﬂf | ||

“Piston motion™ | il

SJ{—Sm(!:) | ||

kajf—vm+sJ-{Am} | |!
“Angles:" |

ﬂra.rjsif valves=2v3v4 | | !|

H:I{—EI_1+dE || | |i

fly 80,001 i| i '|

8. — K —trunc( ° n -2 TT|| | ||

e 2 \2-7)) I| | ||

o G |

6. I| I ||

all B i

| | ol

f2-m | I | ||

else || | ||

o | i ||

: |

Runge-Kutta step 1"

kfgpng"_dpdr(Pp V dth 1’m:h:_1*m.“dr—1*rf—|’pf 1+tf—1’h“"f—1] ! !i

Hf_w—dvﬂf(xf_i v P | ||

k1 u¢—dud|!‘[ -1 1’PJ—1) | ||

k1 xa—dxdf( ] | '!

kf_ya—ctyﬂf(u ) | ||

kf_m‘_dmdt[ 1’m:':'”§'—1) i i|

P—— i'i

ung p

k?_P‘_der( - +_ -k1_P, V dVd!:' 1 m."1—1’m:""*1 17 ?; 1Py !} ! hn‘,_1]| ii

.trz_w—mﬂ[(xJ 1+— ki x] {vr 1+%-H ] {P +— okt P]] i i|

K2 u*—dudt[[ +— k'.f_y] [u 1+%-kf_u] {P +— K P]] i |i

k2 x+ dxdt v 1+— - kT x] | ii
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kz_ya—d}df(ur_1+it.kf_}.r]

k2 me— dmd!‘[[m'hl . +%. k‘f_m], [m'mr_ +ﬂ?. H_m]]

“Runge-Kutta step 3"

At . '
kS—P*_der[ﬁq-'_?‘k‘?—P’H—i’dVdrrq*mi’J—1’m°‘"’J—1’Tr—1*pr—1’rr—1*h“"r—1 _
k3_w—d1.df[[x +£«k2_x},{v + ’ﬂr.kz_w),{P + m*k?_P]}

(B | 2 I-1 2 -1 2

At At At
k3_u+—dud!‘{[}j_1+?»k2_y]f[ur_1+ > -kZ_U],{Pr_1+?ok2_PD
k3 x+— dxdf[v +ﬂf—k2_x]

-1 2

At

HS_}"d—d}'ﬂf[ur_1+ 5 ok?_y]

m_y T

k3 me— dmd!‘((m in g!‘ . k2_m] . (m'mr_ -

at, k2 m]]
5 e
“Runge-Kutta step 4"

‘f"_F’*—def(P,_1+ﬁf-k3_Ps‘*’,_,fd""’-"ﬂ_1smfr-,_1+mw,_1+ﬁ_,:P,_,:f,_,""wJ_,] .

kd vedvdt((x +AfK3 X\.(v +Atk3 W, (P +Atk3
kd ue— u'uurr(({(].ir 11 +At-K3 _y)) ,([::J_: + At k3_:)) ,{(Fr*r _11 + At kS_F%)}
k4 x— dxdf(u; A k3_x)

Ky —dyot(y,_ +2t-K3 )

kd me— dmd!‘[(m'q_  HAat k3_m) ,(ml.q_ +at k3_m))

“Runge-Kutta final step”

PP+ *g'ﬂ (ki_P+2.k2 P+2.k3 P+k4_P)

“Valve motion:”
“Discharge valve:”

J{J{— if valves=0wv4
if I]I«._:x’_1 <X_max

-1

I '
ux_ +_";f.(kf_x+2«k2_x+2«k3_x+k4_x]: _
if x =<0

=1

o

if xr ; =X_max

!! x_max
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-1

ifyi_i{ﬂl

o

ity >y max

lymax |
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“VALVE VELOCITIES”
v if ﬂ*_-:.xj_ < X_max

H v +%- (K1_v+2.K2 v+2+k3 v+kd_v)

To

U if ﬂg};_iq_:y_max

I
|| u_ +%-{k1_u+2-k2_u+ 2.k3 u+kd_u)

elze
o

“WALVE POSITION CHECKS"

“Is suction valve open? ™

suc_valve — 1 *(0 = close; 1 = open)”

if valves=10

Eﬁ}ml
|

e | |
o ||

if valves=1 |

ify =0

=T
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“Is discharge valve open? *
dis_valve +— || if valves=0v1
if x > I]|

It
elze
lo

if valves=2

“Is coolant injected? ™

cool_inj— |l if vaives=3 I

75
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if Boot acts < Orey,_ | <6001 ac#_el |
I “
|
|

if valves=4

if Emada{ﬂm; {Hm acte
I |

else |
lo |

V-V

1 -1

dVdizq—
m*—”m - [Hf m+2-k2 m+2-k3 m+k4 m}!

m]'
PJ‘—?
I

“MASS FLOW RATES"

“(m".in and m".out are mass flow rates in kg/s)"

“The pressure at time | is used to calculate the mass at time
“Suction valve fiming”

m',-,,fa— if suc_valve=1 ﬁ{P_, > PJ

I

: |
A
else if suc_valve= 1&(}3‘::- Pa) !

rGu' D, D, - (PJ_PS)
— . wid = [TT - -
l (]’:. .w) Ps ( ¥ .w) pr J |
else |
o |
“Discharge valve timing"

m', s || if dis_valve=1a [P:} Pd)

(s 00) (. B =
|

else if dis_valve= 1.-’\(Pd:- Pr)
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|| 2. (Pd—PI)
“ _[Gd(x‘ )Py (T Da) \ —
else
BRI
“Coolant mass flow rate out”

mwolnutr"_m coolant_frac* ml‘.‘l.ﬂ:l

“Coolant mass in cylinder”

mm.r*—

*— During expansion:”
if suc valve= {].ﬂ.(‘.f =V ]

I -1
Meoal;_
else if suc valve= 1.-*\(1-’::- V. 1)
“— During suction:"

m
ool _ 4

else if valves=4A0,, 4. < H,E,f_ - O actc

“—— Dwuring coolant injection:”
Moo, + M gy » A

else if valves= 40, 5o.< E,E,Iﬂdis_vah-ie: 0

Meoal

-1
elseif dis valve=1Avalves=3avalves=4
“— Duwring discharge:"

I At
cool, _ 4 cool.out 3.44
else
Mool

-1

“Cylinder temperature without infuence of any in flows"
Trq— if vahves=0v1v2

if suc valve=1

AR el
o )
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|| Il
if valves=4

it‘llsuc_val'l.fe= 1 .

|| (mr_1 . TH]—i- [(lm,-,h-ﬂt)-?;} |

H [mf_1+{mhj-ﬂf})

if cool inj=1 (]
(7T )+ (e 20T

| )

else

|7
=

hwJ — hl.u'la'{TJ \ t, ,Suc_valve, dﬁs_va!ve)

“Instantanuous work done™
Vr+
Wd — (P —-P ) .
I ] -1 2

-1

[ i
I

“Total work done per cycle®
We 3% Wd

WRITEPRN ( concat (“WorkCAT",“ txt”) , W)
WRITEPRN(("T _Dis.txt"), T)
“CONVERGENCE CHECK PARAMETERS"
“Calculate differences between means of vanables for | and |-1 loops”
Mz +— Mean (m)
I |
P”"e""!r «—mean {F})

ija— mean (];)
dm_dt; = Mimean ~ Mmean,

APt — P,

-1
_Pmean_1
dTnﬂﬁTm—Tm

-1

x—m”; —mean (xj)
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dXdi:l — x_meanj—' x'_meanj_ ,

y_mean — mean (}’I}

d"fdi:l — }r_manj— ],f_meanf_ 1
Pmean, *—Mmean {p})

dp ”ﬂi‘r*_ Pmﬂnj_.pmeanj._ 5
“Write differences between means of vanables to file:™
WRITEPRN ( concat (*1dmdtC4T",“ t=t") , dm _dft)
WRITEPRN {mncat %"ZdetG‘i'l'" ] bd% \ ded?

WRITEPRN { concat{“3dTdtC4T™, " =t ), dTmdit

WRITEPRN { concat{“4dXdtC4T", " td" ) , dXdt
WRITEPRN | concat{ *5dYdtCAT", " bd" ), dYdt

WRITEPRN (concat (“6dDenCAT", * txt”) , dpmd)

“Write to file vanables at end of i loop | imes”

vars_i_j+ augment (xr, vj,tj,}ff, uJ,PJ, Lﬂ,m',-,u,m;mj, TJ P, d'l.-"dfr, Wq, .I'f1 h“.r, mr,mmJ
vars_ | j prev+— READPRN (concat(“aaC”, num2str(j—1),“ txt"})

WRITEPRN (concat({*aaC”, num2str (), “.tt") ,vars i j)

Result — augment (x,v.t,y,u, P,V ,myp, m'oy. T.p,dVdt, Wd,m, h, , moy)

“Stop loop | with "break” statement if tolerance for vanances (residuals) is satisfied:"

X j prevt vam_r'_,r'_pre-.—'n .

P j prev*—Vars_i _j_prev s

Tij prev— u’ars_i_j_p;evﬂ &
|xr x,-_,-_p,w’ _
break x| if = tol,
X+ 0.00001 -
I
else
o
break P+ !lif ’PJ — P,-_I-_p,,e,| < tolp
|
else
o
break T« || if }T,— T, j pren] < ol
I
elae
o
| |dm_d1‘)|
break_m+— | if <tol |
| =
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if (break_x=1)A(break_P=1)A(break T=1)A(break m=1)A(j>4)
[ break

WRITEPRN (“j.txt”, )
Result
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